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This study investigates the isentropic efficiencies of the main ejector components in a constant-pressure ejector used in a dual-evaporator 
refrigeration system. Experimental measurements were obtained from the test facility and computational fluid dynamics was used to support the 
numerical analysis. Main aim of this study was to the develop of empirical correlations for estimating ejector outlet enthalpy and part isentropic 
efficiencies at different condenser temperatures. In addition, the influence of mixing chamber and diffuser efficiencies on the performance of 
the second evaporator was examined. Isentropic efficiencies were decided for the motive nozzle, secondary flow outlet, suction chamber, mixing 
chamber, and diffuser for the selected ejector geometry. The results prove that increasing condenser temperature led to lower efficiencies in the 
motive nozzle and secondary flow outlet, however the suction chamber, mixing chamber, and diffuser showed improved performance. A similar 
trend was seen in the second evaporator. Higher condenser temperature and diffuser efficiency reduced the degree of superheat, while the 
cooling effect remained nearly unchanged over part of the operating range. The calculated isentropic efficiencies ranged between 0.80 and 0.95 
for the motive nozzle, suction chamber, mixing chamber, and diffuser. By contrast, the secondary flow outlet showed a much wider variation, 
decreasing from 0.99 to 0.60. As condenser temperature increased, the degree of superheat dropped significantly, from 8.74 K to 0.19 K, while 
the cooling capacity of the second evaporator decreased from 68.02 to 55.07 kJ kg⁻¹.
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1. Introduction

Ejector energy losses play a critical role in deciding the overall 
performance of ejector-based refrigeration systems. Earlier 
studies have shown that system performance can be improved 
by finding the isentropic efficiencies of individual ejector com-
ponents and then addressing the main sources of loss [1, 2]. 
Among the parameters commonly used to evaluate ejector 
performance, the entrainment ratio (ER), pressure ratio, and 
component-level efficiencies are the most widely reported [3, 
4]. Fan et al. [5] examined how compressor frequency and the 
pulse number of the electronic expansion valve (EXV) affect 
the performance of a dual-evaporator refrigeration system. 
Their results showed that changes in EXV pulse number had 
little influence on either cooling capacity or coefficient of per-

formance (COP). Other studies have focused more directly on 
ejector design and its effect on system behavior. For example, 
Li et al. [6] investigated a refrigeration system running with 
R1234yf and R134a using a constant-pressure ejector. They 
reported that several design-related parameters, including 
the suction nozzle pressure drop, area ratio, and ejector part 
efficiencies, had a strong influence on system performance. 
Furthermore, researchers have focused on the isentropic effi-
ciencies of several ejector components. Liu and Groll [7] re-
viewed these studies and reported that the calculated efficien-
cies ranged from 0.7 to 0.95. Table 1 summarizes the results of 
these studies.

In addition to overall system indicators, extra attention has 
been given to the isentropic efficiencies of specific ejector 
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sections. Since the internal flow structure of an ejector is highly sen-
sitive to geometry, direct experimental measurement of local flow 
parameters is difficult. For this reason, experimental work is often 
supported by numerical analysis. CFD has become a widely accepted 
tool for examining complex ejector flow behavior and for estimating 
the efficiencies of individual components [2, 5]. Using a combined 
experimental and numerical approach, Banasiak et al. [8] investi-
gated the optimum ejector geometry for an R744 heat pump system. 
Their study showed that replacing the conventional expansion valve 
with an ejector improved the COP by approximately 8%. Focusing 
on modelling, Ünal et al. [9] developed a mathematical model to 
assess the performance of a refrigeration cycle with an ejector. Their 
model investigated the influence of the inlet velocities of the mixing 
section (for suction flow) and the diffuser outlet velocities on the 
system performance They reported that incorporating these velocity 
effects resulted in a 5.8%-7% increase in cooling capacity compared 
to a model neglecting velocity effect. A study by Galanis and Sorin 
[10], found the critical pressure ratio and mixing chamber efficien-
cy by developing a one-dimensional thermodynamic model of the 
ejector using the results of experimental and CFD analysis. Their 
work additionally revealed that mixing, normal shock waves, and 
subsonic frictional flows within the ejector contribute to entropy 
generation. Further insight into the relationship between ejector 
geometry and system performance was provided by Liu et al. [11], 
who used a two-dimensional axisymmetric model to examine how 
the area ratio affects both overall ejector behavior and the efficien-
cies of individual components. Their results showed that, among the 
internal sections of the ejector, the mixing chamber was particularly 
sensitive to changes in area ratio and played a more influential role 
in overall performance than the other components. Another study 
on the two-phase ejector efficiencies of several parts was performed 
by Wang and Yu [12]. The researchers reported that the efficiencies 
of the motive nozzle, mixing chamber, and diffuser under the spec-
ified conditions were in the range of 0.513-0.750, 0.492 0.755, and 
0.610-0.734, respectively. Moreover, this study suggested empirical 
correlations for efficiency calculations of several parts of the ejector. 
Zhang et al. [13] used CFD analysis to examine how surface rough-
ness influences the efficiencies of different ejector components. By 
separating the ejector into five distinct regions, they set up a correla-
tion between surface roughness and part efficiency and proposed a 
corresponding correlation coefficient for each section. Kitrattana et 
al. [14] employed a vapor ejector model based on Stoecker theory 
for design and performance analysis.  They compared the results 
obtained from this model with those from the classical one-dimen-
sional ejector model (Keenan’s model) which is based on ideal gas.  
The comparison focused on critical condenser pressure, ER, and 
geometry.  The authors reported good agreement between the two 
models when compared to experimental data. Bauzvand et al. [15] 
further examined how operating conditions affect ejector perfor-
mance. Their study focused on the influence of ejector back-pres-
sure ratio and the volumetric flow rate of the primary stream on 
overall ejector efficiency. The results showed that both parameters 
were positively correlated with ejector efficiency. In a similar way, 
other researchers [7] have developed predictive correlations for es-

timating the efficiencies of individual ejector components based on 
ejector geometry and flow conditions. Zhang et al. [16] investigated 
the performance of several turbulence models to predict the isen-
tropic efficiencies of several ejector components. Their investigation 
showed that the SST k-omega turbulence model provided the most 
reliable predictions across a wide range of ejector geometries and 
operating conditions. In a similar study, Bumrungthaichaichan et 
al. [17] applied the SST k-omega model to simulate velocity distri-
bution and turbulence behavior inside the ejector, reporting good 
agreement between the numerical predictions and experimental 
measurements. Three-dimensional ejector models have also been 
widely used and confirmed against experimental data. These stud-
ies consistently show that the SST k-omega model performs better 
than alternative turbulence models in capturing both overall flow 
behavior and local flow structures within ejectors under different 
geometrical configurations and operating conditions [18]. Rand et 
al. [19] used numerical simulations and conducted experimental 
studies to analyze the effect of outlet position of nozzle head on ejec-
tor performance. RANS model successfully predicted the complex 
relationship between ER and nozzle head outlet position.  Atmaca 
and Ezgi [20] further proved the usefulness of CFD for ejector anal-
ysis by developing a three-dimensional model of a steam ejector to 
examine static pressure and velocity distributions. Their numerical 
results showed good agreement with analytical data, reinforcing the 
value of CFD as a practical tool for ejector studies, particularly be-
cause it allows extensive parametric analysis within a relatively short 
time once the model has been confirmed.

Earlier studies have examined the isentropic efficiencies of ejector 
components, with attention given to the effects of geometry and op-
erating conditions. However, the effect of condenser temperature on 
these efficiencies, and its influence on system performance, has re-
ceived comparatively limited attention. To address this gap, the pres-
ent study combines experimental measurements with CFD analysis 
to evaluate the efficiencies of individual ejector components under 
different condenser temperatures. In addition, new empirical cor-
relations are proposed to predict ejector efficiencies while explicitly 
accounting for the effect of condenser temperature. Finally, the im-
pact of varying ejector efficiency on system performance parameters 
is analyzed. This work distinguishes itself by proposing an empirical 
method to derive equations for deciding the isentropic efficiency of 
ejectors with diverse geometries. For all these analyses, seven steps 
are followed, which are detailed in Section 2.1 Methodology.

Table 1. Isentropic efficiency values of the several parts of the ejector 
obtained from the several research

Authors Fluid ηmn ηsuction ηmc ηd

Liu and Groll [7] CO2 0.5-0.93 0.37-
0.9 0.5-1 -

Vereda et al. [21]
Ammonia/

lithium
nitrate

0.85 0.85 0.9 0.8
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Ameur et al. [22] R134a 0.86 0.86 0.78 0.8

Ameur and Aidoun 
[23] CO2 0.86 0.86 0.78 0.8

Kitrattana et al. [14] Steam 0.9 - 0.9 0.9

Zheng et al. [24] CO2 0.8 0.8 0.8 0.8

Wang et al. [25] R1234yf 0.85 0.95 0.85 -
Surendran and 
Seshadri [26] R1234yf 0.7 0.7 0.7 0.7

Bilir and Ersoy [27] R134a 0.9 0.9 0.9 0.8

Ünal and Yilmaz [28] R134a 0.9 - 0.8 0.9

Chen et al. [1] R123, 
R141 0.9 - 0.85 0.9

2. Material and method

The experiments were carried out using a DEES consisting of two 
evaporators (one water-cooled and one air-cooled), a compressor, 
an air-cooled condenser, a constant-pressure ejector, a thermostatic 
expansion valve (TXV), thermocouples, flowmeters, anemometers, 
and pressure gauges. Notably, both the ejector and the second evap-
orator (evaporator #2) are unique components of a DEES system, 
not typically found in a conventional vapor compression refriger-
ation cycle. A hermetic Danfoss compressor (30.23 cm³∙rev⁻¹, 2900 
rpm) was selected as a compressor for the experimental setup. Fig-
ure 1 illustrates the equipment layout and the refrigerant flow paths 
within the DEES system. The employed constant pressure ejector, 
designed to enhance system performance by raising the compressor 
inlet pressure of the refrigerant, is depicted with its dimensions in 
Figure 2 [29,30]. The ejector geometry was decided through a lit-
erature review of systems with comparable cooling capacities [31, 
32]. During the experiments, the refrigerant flow rates entering the 
first and second ejector inlets were regulated using valves B and 
C (Figure 1). Valve B was kept fully open throughout the tests to 
keep stable pressure at the primary inlet. The desired flow split was 
achieved by partially opening valve C. As the refrigerant after enter-
ing the TXV, a slight pressure drop at this stage is not critical. The 
equal distribution of flow was measured using a turbine flowmeter 
positioned upstream of the first ejector inlet. Due to the inherent 
sensitivity of the flowmeter and the manual adjustment of the valves, 
the actual flow split ratio is reported as a range.

Figure 3 presents diagram of the experimental setup. The air-cooled 
condenser was placed in an air duct, and an adjustable centrifu-
gal fan was used to precisely control condenser air flow rates.  An 
electric heater was used to regulate the condenser air temperature. 
PID controllers kept the desired condenser air conditioning. This 
arrangement made it possible to control the compressor outlet pres-
sure by adjusting the target condensation temperature. Evaporator 
#1, the air-cooled unit, was placed in a separate duct with charac-
teristics like those of the condenser section. Evaporator #2 was de-
signed as a water-source heat exchanger and is also shown in Figure 
3 together with its dedicated water loop and storage tank. Both the 

water flow rate and inlet temperature in this loop were carefully con-
trolled. Water and refrigerant mass flow rates were measured using 
high-accuracy instruments: an electromagnetic flowmeter (±0.3%) 
for water and a Coriolis flowmeter (±0.05%) for refrigerant.

Figure 1. DEES equipment and the refrigerant paths [33]

Figure 2. Dimensions of the ejector [33]

In addition, a turbine flowmeter (±0.1% accuracy) was used at the 
primary inlet of the ejector to measure the refrigerant mass flow 
rate. Temperatures of refrigerant and water were checked at the 
inlet and outlet of each part. K-type thermocouples connected to 
a 40-channel data acquisition system are used for temperature mea-
surements. Refrigerant pressures at different locations in the test 
rig were recorded using digital manometers (±0.5% accuracy) and 
pressure transmitters. A detailed assessment of sensor accuracy and 
sensitivity is provided in Reference [29]. Based on that analysis, the 
overall experimental uncertainty of the DEES was determined to be 
below 1.00% [29].
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Figure 3. Test setup and the test components [29]

2.1. Methodology

The authors followed the steps given below in this study, respective-
ly.

1.	 Experimental Study: The experimental investigation 
involved running the DEES setup under various con-
denser temperatures. Eleven different condenser tem-
peratures, ranging from 25°C to 43°C, were investigat-
ed. To ensure consistent operating conditions, the air 
velocity across evaporator #1 was kept at 1 m.s-1, while 
the ER was kept within the range of 0.50–0.55. Each 
test was repeated three times to confirm the reproduc-
ibility of the measurements.

2.	 CFD Model Validation: A mathematical model of the 
ejector was developed and solved using ANSYS Flu-
ent code. To confirm the accuracy of the commercial 
CFD code, simulations were conducted to calculate 
the ejector outlet and inlet pressures and compared to 
experimental values. 

3.	 Determination of Thermophysical Properties of Re-
frigerant within the Ejector: The pressure and quality 
values of the refrigerant throughout the ejector were 
decided by analyzing data extracted from the CFD 
simulations.

4.	 Determination of Thermophysical Properties of Re-
frigerant within the Ejector by an assumption: The 
thermophysical values of the points determined in 
Step-3 were calculated with the assumption that each 
part of the ejector was isentropic.

5.	 Isentropic Efficiency Calculations: The isentropic effi-
ciencies of each ejector part were after decided by tak-
ing the ratio of the values obtained in step 3 to those 
obtained in step 4. Furthermore, new correlations 
were developed to predict these efficiencies, with con-
denser temperature serving as the sole variable.

6.	 Correlation Verification: The isentropic efficiency 

values calculated in step 5 were used to calculate the 
refrigerant’s thermophysical properties at the inlet of 
evaporator #2. The results were compared with the 
data from experimental results to verify the accuracy 
of the correlations.

7.	 System Performance Analysis: The final stage involved 
analyzing the influence of variations in the isentropic 
efficiencies of various ejector components on the over-
all system performance parameters.

The isentropic efficiencies of the components of an ejector of varying 
dimensions can be obtained by applying the procedures described in 
the first five steps. These steps and corresponding instructions are 
illustrated in Figure 4 below.

Figure 4. Procedures and instructions for isentropic efficiency 
calculations

2.2. Test procedure

The experiments were conducted at eleven condenser temperatures 
ranging from 25°C to 43°C. Condenser air temperature was adjusted 
using an electric heater installed inside the air duct. Data acquisition 
began once evaporator #2 reached a cooling capacity of 0.8 kJ·kg-1. 
To keep consistent operating conditions throughout the tests, the air 
velocity across evaporator #1 was fixed at 1 m.s-1, while the ER was 
kept within the range of 0.50–0.55. The following assumptions were 
used during the experimental procedure:

•	 Isenthalpic operation of the TXV.
•	 Negligible pressure loss within evaporator#2.
•	 Adiabatic conditions between the ejector outlet and the 

compressor inlet.
•	 A thermal efficiency of 0.95 for the evaporator#2 plate 

heat exchanger.
•	 The refrigerant exiting the ejector matches the conditions 

at the evaporator #2 inlet.
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2.3. Efficiency analysis of system and ejector

This section explains the method used to evaluate the efficiency of 
each ejector part. For the analysis, the ejector was divided into five 
sections: the motive nozzle, suction chamber, diffuser, secondary 
flow outlet, and mixing chamber as illustrated in Figure 5. Efficiency 
calculations were carried out using data from both experimental 
measurements and the CFD simulations. Following the determina-
tion of ejector efficiencies, system performance parameters such as 
cooling capacity and degree of superheat were analyzed. Figure 6, 
where key points are shown, presents a P-h diagram depicting the 
assumed isentropic operation of the system Point P0 is the narrowest 
point of the ejector nozzle, where the pressure is the lowest. Due 
to the low pressure at this point, the refrigerant in the vapor phase 
(number 4) is drawn into the ejector and its pressure decreases. Since 
the ejector is a constant pressure ejector, the same pressure is expect-
ed from the ejector nozzle outlet to the mixing chamber outlet. In 
addition, the processes occurring inside the ejector are represented 
by red lines on the P–h diagram and those outside the ejector are 
shown in blue. The efficiencies of the individual ejector components 
were calculated by substituting the thermodynamic properties ob-
tained from Figure 6 and the CFD results into Equations. 1-5 [2].

Motive nozzle isentropic efficiency is defined as:

h h
h h

mn
is sim

is sim

, ,

, ,

2 2

0 2
h = -

- 					                        (1)

where is: isentropic, sim: simulation.

Secondary flow outlet isentropic efficiency is defined as:

h h
h h

Sfo
is is

is a sim

, ,

, ,

4 2

5 5
h = -

-- 				                           (2)

h5,is-a= f(s4, x=1)	

Suction chamber isentropic efficiency is defined as:

h h
h h

sc
sim sim

is is

, ,

, ,

5 2

5 2
h = -

- 					                           (3)

Figure 5. Various parts of the ejector

Mixing chamber isentropic efficiency is defined as:

h h
h h

mc
sim sim

is is

, ,

, ,

6 2

6 2
h = -

- 				                           (4)

Diffuser isentropic efficiency is defined as:

h h
h h
, ,

, ,
d

sim sim

is sim

7 6

7 6
h = -

- 					                           (5)

The cooling capacities [28] can be calculated from:

Q m h h¬∑evap 1 3 4 3= -o o ^ h 				                           (6)

( )Q m h hevap total2 8 7$= -o o 				                           (7)

Total mass flow rate (ṁtotal) can be found from:

m m mtotal 3 2= +o o o 					                            (8)

ER value [33] can be found as:

ER m
m
total

3= o
o 					                            (9)

Figure 6. P-h diagram of the isentropic system

2.4. CFD model 

This section details the physical and mathematical model of the 
CFD method used. While measurement devices were employed in 
the test setup, some areas within the ejector were inaccessible for 
physical measurements. Specific thermo-physical properties of the 
refrigerant were decided based on the CFD results. Additionally, 
the validation of the CFD code by comparison of experimental and 
CFD result is reported.

2.4.1. Physical model and grid convergence study

The geometry of the ejector, as depicted in Figure 2, was created using 
the CAD software SpaceClaim. The 2D geometry was then discret-
ized into grid elements using ANSYS grid software. Prior research 
on ejectors suggests that a grid number between 80,000 and 90,000 
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elements is sufficient to achieve grid independence [34, 35]. In this 
study, additionally, three distinct grid sizes were analyzed to ensure 
grid independence. During mesh generation, the grid parameters 
were carefully controlled to provide high mesh quality. A maximum 
skewness below 0.7 and a minimum orthogonality above 0.6 were 
targeted. The nozzle outlet pressure was calculated for each mesh 
size, and the results are presented in Table 2. As can be seen, the 
mesh resolution had no significant effect on the predicted pressure 
values. At a 95% confidence level, the average deviation between the 
results was only 0.96%, showing that the results are independence 
from mesh size. 

In addition, a separate grid convergence evaluation was carried out 
following the procedure recommended by the Glenn Research Cen-
ter of NASA [36]. In Table 2, the Normalized Grid Spacing column 
shows the spacing values divided by the spacing of the finest grid.

The order of convergence is initially calculated using Equation 10:

ln
ln

p r
P P
P P
2 1

3 2

= -
-

a k
					                            (10)

where P is the nozzle outlet pressure for various grid sizes, while r 
refers to the refinement ratio, as calculated using Equation 11:

r h
h
1

2= 						                             (11)

here, h values are the grid size. The order of convergence is calculat-
ed using Equations 10 and 11 as follows:

p=1.693. 

Richardson extrapolation uses the two finest computational grids to 
estimate the pressure value at nozzle outlet as grid size approaches 
zero, as described in Eq. 12:

P P
P P
2 1h p0 1
1 2= + -
-

= 				                           (12)

Ph=0 is calculated as 402.956 kPa. The GCI for the fine grid solution 
is decided using Eq.13. A safety factor of FS=1.25 is applied because 
p is estimated to use three grids.

GCI FS %
P
P P
2 1
100
p12

1

1 2= + - - 			                          (13)

Applying Eq. 13 to grids 2 and 3 results in GCI12 and GCI23 values of 
0.250% and 0.809%, respectively. The asymptotic convergence range 
is decided using Eq. 14.

GCI
GCI
2p 12

23 					                            (14)

The asymptotic convergence ranges approximately one, showing 
that the solutions remain well within this range.

The nozzle outlet pressure for the system is 402.956 kPa, with an er-
ror of 0.25% or ±1.0 kPa. These studies prove that the results are in-

dependent of grid size. Based on the investigations given above and 
computational cost considerations, a total mesh number of 86,200 
was selected for later simulations. Mesh number of 86200 reduced 
computational time by 60% versus finest grid while keeping <1% 
deviation in key outputs. A denser mesh was applied near the inlets 
of the ejector, the nozzle, and the wall boundaries, as illustrated in 
Figure 7.

Table 2. Nozzle outlet pressure changes in several grid numbers

Grid Size 
(mm) Grid Numbers Nozzle Outlet Pressure 

(kPa)
Normalized Grid 

Spacing
0.10 343731 402.4 1
0.20 86200 400.6 2
0.30 38423 394.8 3

Figure 7. Grid structure of the ejector

2.4.2. Mathematical model

The commercial CFD software ANSYS Fluent (version 2019 R2) was 
used to develop the mathematical model of the ejector system and 
to solve the governing equations. A two-phase flow formulation was 
implemented to be the presence of a liquid phase at the primary 
inlet and a gas phase at the secondary inlet within the ejector. The 
Volume of Fluid (VOF) method was selected, as it has been shown to 
perform effectively in the steady-state simulation of two-fluid inlet 
configurations [37]. Turbulent effects were taken into consideration 
by using the k-ε realizable turbulence model with standard wall 
functions due to a well-established approach for resolving separa-
tion flows [38]. Prioritizing computational efficiency and validated 
accuracy, the k-ε realizable model with standard wall functions was 
found to yield sufficiently correct predictions for the overall flow 
behavior and performance parameters.  The thermo-physical prop-
erties of the refrigerant (R134a) were obtained from the REFPROP 
software. The governing equations are as follows;

Continuity equation;

∂ρ/∂t ​+∇⋅(ρu) =0					                        (15)

where ρ is the density and u are the velocity vector, u=(u,v), the op-
erator ∇ is (∂/∂​x, ∂/∂​y)

Momentum equation;
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∂(ρu)​/∂t +∇⋅(ρuu) =−∇p+∇⋅(μeff∇u)+F		                     (16)

where p is the pressure, μeff is the effective viscosity (μeff = μ + μt) and 
F presents body forces.

Energy equation;

∂(ρE)​/∂t +∇⋅(u(ρE+p)) =∇⋅(keff∇T) +S 		                      (17)

where E is the total energy per unit mass, k is the effective thermal 
conductivity (keff = k + kt), T is the temperature, S is a source term.

The VOF method is used to track the interface between the two 
phases. The volume fraction of the primary phase (liquid) is denoted 
by α, and the volume fraction of the secondary phase (gas) is (1−α). 
Therefore, the volume fraction equation is;

∂α/∂t +u⋅∇α=0 					                         (18)

The k-ε realizable turbulence model is used to simulate turbulent 
flow. It introduces two transport equations for turbulent kinetic en-
ergy and its dissipation rate.

Turbulent kinetic energy equation;

∂(ρk)/∂t +∇⋅(ρku)=∇⋅((μt/σk) ∇k) +Pk−ρϵ 		                     (19)

Dissipation rate equation;

∂(ρϵ)/∂t ​+∇⋅(ρϵu) =∇⋅((μt​​/σϵ) ∇ϵ) +C1​​Pkϵ/k​−C2​ρϵ
2​/k	                 (20)

where μt is the turbulent viscosity, Pk​ is the production of turbulence 
kinetic energy, C1​ and C2 are model constants, σk and σϵ​ are the tur-
bulent Prandtl numbers for k and ϵ.

C1= 1.44 and C2=1.9

2.4.2.1. Boundary conditions

Pressure inlet boundary conditions were applied at both the primary 
and secondary inlets, and a pressure outlet boundary condition was 
used for the ejector exit. The corresponding pressure values were de-
fined using the experimental data for each condenser temperature. 
In the simulations, the condenser temperature varied between 25°C 
and 47°C. Accordingly, the primary inlet pressure ranged from 533 
kPa to 980 kPa, the secondary inlet pressure from 411 kPa to 534 
kPa, and the outlet pressure from 420 kPa to 563 kPa. All pressure 
values were specified as absolute pressures. Furthermore, adiabatic 
wall conditions were assumed, neglecting any heat transfer through 
the ejector walls. The flow directions at both the primary and sec-
ondary inlets were assumed to be normal to the boundary. Turbu-
lence parameters were specified using a turbulent viscosity ratio of 
10 and a turbulence intensity of 5%.

2.4.2.2. Solution procedure

A pressure-based solver was selected for the simulations, and the 
SIMPLE algorithm was used for pressure-velocity coupling due to 
its efficiency in convergence behavior. The iterative solution process 
was continued until the residuals for continuity, momentum, ener-
gy, and other governing equations were reduced below 1×10⁻⁶. Once 
the first conditions were defined, a hybrid initialization method was 
applied, after which the simulations were run. The thermophysical 
properties of the refrigerant are given in Table 3.

Table 3. Thermo-physical properties of R134a [39]

R134a
Composition -

Mass percentage (%) -
Critical pressure (kPa) 4059.3

Boiling point (K) 247.1
Vapour density (kg·m-3) 32.35
Critical temperature (K) 374.2

Vapour conductivity (W·m-1·K-1) 81.13·10-3

Cp liquid (kJ·kg-1·K-1) 1.425
Liquid density (kg·m-3) 1206.7
Cp vapour (kJ·kg-1·K-1) 1.032

Liquid conductivity (W·m-1K-1) 13.83·10-3

Latent heat value (kJ·kg-1) 216.9
GWP 1300

ASHRAE Safety class A1

2.4.3. Model validation

To ensure the accuracy of the numerical predictions, model valida-
tion is crucial. This section compares the results obtained from the 
CFD simulations with corresponding experimental data. Figure 8 
shows pressure contours through the ejector for different condenser 
temperatures: 44.0-40.2-30.4-25.2°C respectively, from left to right. 
Pressure difference (motive-outlet) was selected for validation due 
to its critical influence on ejector performance. Figure 9 presents the 
pressure difference variations predicted by the simulations and mea-
sured experimentally across a range of condenser temperatures. The 
CFD results show good agreement with the experimental data, with 
a coefficient of determination (R²) of 0.986 and a root mean square 
error (RMSE) of 12.46 kPa. The numerical calculations match the 
experiments closely at lower condenser temperatures, although a 
slight increase in deviation is seen as the condenser temperature 
rises. Nevertheless, the differences stay within an acceptable range. 
These differences may be attributed to several simplifying assump-
tions used in the CFD model, which are listed below:

•	 Adiabatic walls: Heat transfer through the ejector walls is 
neglected.

•	 Steady-state flow: The model assumes constant operating 
conditions over time.

•	 Suction chamber mixing: Perfect mixing of the flow is as-
sumed within the suction chamber.
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Figure 8. Pressure contours of ejectors for different condenser temperature

3. Results and discussion

After completing both the experimental tests and CFD simula-
tions, all data were collected and analyzed with respect to three 
main aims. First, the variation of isentropic efficiencies for different 
ejector components as a function of condenser temperature was 
examined. Second, empirical correlations were developed to predict 
these efficiencies over the range of condenser temperatures. Third, 
the influence of ejector part efficiencies on system performance was 
assessed.

Figure 9. Validation of simulation results by experimental results

3.1. The changes of isentropic efficiencies of various parts of 
the ejector depending on the condenser temperature

Figure 10 shows the variation of isentropic efficiencies of the ejec-
tor components as a function of condenser temperature. As seen in 
Figure 10, ηsc, ηmc, ηd all increase with rising condenser temperature. 
However, ηmn shows a slight decrease, while ηsfo drops sharply. The 
reduction in ηsfo can mainly be due to the increase in refrigerant den-

sity. Since the ER is kept constant, a stronger vacuum is generated 
at the secondary inlet of the ejector, which in turn leads to a reduc-
tion in ηsfo. On the other hand, increasing condenser temperature 
reduces the latent heat of the refrigerant. As a result, the enthalpy 
difference between the saturated liquid (x = 0) and saturated vapor 
(x = 1) states decreases, while entropy stays unchanged. Because 
of this reduced enthalpy range, the diffuser outlet enthalpy moves 
closer to the isentropic reference line. This explains the observed 
improvement in ηd, as shown in Figure 10. The specific enthalpy of 
the diffuser outlet was calculated using Equations 21.

h h h h,

d

is
7

7 6
6h=

- + 				                       (21)

where ηd is diffuser isentropic efficiency, calculated by Eq.5, h(7,is) 
isentropic value, obtained from experimental results, h6 is mixing 
chamber enthalpy, obtained from simulation results.

This section explains the reason for the use of the simulated mixing 
chamber enthalpy value (h6,sim) in Eq. 21 instead of the experimen-
tally measured value (h6,is). The specific enthalpy at the ejector outlet 
(h7) was calculated by both experimental data (h6,is ) and CFD sim-
ulations (h6,sim) as seen in Eq.21. The actual specific enthalpy at the 
ejector outlet (h7actual) was decided from the temperature difference 
between the inlet and outlet of the evaporator #2 water loop. As 
shown in Figure 11, a comparison of these values shows that h7,sim 
is in closer agreement with h7actual than h7,is. This better agreement 
between the simulated and measured enthalpies supports the use 
of h6,sim for deciding the specific enthalpy at the diffuser outlet us-
ing Equation (21). The reduction in ηsfo is mainly attributed to the 
increase in condenser pressure, which also leads to a rise in evap-
oration pressure in evaporator #1. This pressure increase results in 
higher refrigerant density, which weakens the entrainment capa-
bility of the ejector and so reduces the isentropic efficiency in this 
region.
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3.2. Derivation of empirical equations for isentropic efficiency 
calculations

Eleven sets of experiments were carried out at condenser tempera-
tures ranging from 23°C to 50°C. The resulting correlations are 
presented in Table 4 and can be used to estimate the isentropic effi-
ciencies of different ejector components as a function of condenser 

temperature. Moreover, these correlations also enable the estima-
tion of key thermodynamic parameters, including diffuser outlet 
pressure, vapor quality, and mixing chamber pressure. All other op-
erating conditions were kept constant throughout the experiments, 
with condenser temperature being the only varying parameter in the 
developed equations.

Figure 10. Changes of isentropic efficiencies of various parts of the ejector depending on the condenser temperature

Figure 11. Comparison of ejector outlet specific enthalpy: actual, simulated, and experimental

Table 4. Empirical equations derived from several parts of the ejector

Ejector efficiencies  Empirical correlations R2 Equation numbers

ηmn y 0.0022x 0.9599= - +  0.88 22

ηsfo . . .y x x0 0007 0 0343 0 58952= - + + 0.98 23

ηsc . .y x0 0038 0 6865= + 0.97 24

ηmc . . .y x x0 0003 0 0163 1 04472= - + 0.97 25

ηd . .y x0 009 0 4924= + 0.91 26

Pmc . x0 0584.y e29 08= 0.99 27

Xmc . .y x0 0001 0 5391= - + 0.98 28

Pd . . .y x x0 2401 23 89 37 0452= - + - 0.98 29
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This section employed simulation results to develop empirical equa-
tions for both mixing chamber pressure (Eq. 27) and mixing cham-
ber quality (Eq. 28) across a range of condenser temperatures. These 
equations are valuable tools for ejector analysis, as they allow for the 
determination of one of the critical parameters, the specific enthalpy 
at the diffuser outlet. It can be decided by the following steps given 
below. The following steps outline the determination process. 

First, REFPROP utilizes the results from Eq. 27 and 28 to obtain the 
mixing chamber’s enthalpy and entropy values.

hmixing chamber, smixing chamber = f(Psim,mixing chamber, xsim,mixing chamber)                 (30)

Building upon the first step, Eq. 31 allows for the calculation of the 
diffuser outlet’s isenthalpic enthalpy value. This equation requires 
the mixing chamber entropy value (obtained from Eq. 30) and the 
diffuser outlet pressure value (obtained from Eq. 29) as inputs. 

hdif,out,is = f(Pdif,out, smixing chamber) 		  	                      (31)

The final step is the calculation of the diffuser outlet specific en-
thalpy using Eq. 32. This equation combines the diffuser isentropic 
efficiency, obtained from Eq. 26, with the diffuser outlet isenthalpic 
enthalpy value, calculated from Eq. 31, as input.

hdif,out = (hdif,out,is-hmixing chamber)/ηdif +hmixing chamber		                       (32)

 

3.3. Investigating the effect of isentropic efficiencies on ejector 
system performance parameters

This section examines the effect of variations in the isentropic ef-
ficiencies of different ejector components on system performance. 
Table 5 summarizes the changes in evaporator #2 cooling capacity 
and degree of superheat recorded at eleven different condenser tem-
peratures. Additionally, the mixing chamber and diffuser isentropic 
efficiencies were calculated for these corresponding condenser tem-
peratures. Figure 12 is the changes in evaporator#2 cooling capacity 
and degree of superheat in relation to the mixing chamber isentropic 
efficiency and the diffuser isentropic efficiency, respectively.

Figure 12(a) outlines that evaporator#2 cooling capacity per unit 
refrigerant mass decreases as the ηmc increases. This behavior can be 
explained by the interaction between mixing chamber efficiency and 
refrigerant quality. As ηmc increases, the quality of the refrigerant at 
the mixing chamber outlet decreases (Xmc). Since ηd was applied to 
the mixing chamber enthalpy value, it directly affected the quality 
degree at the ejector outlet. Consequently, the refrigerant leaves the 
ejector at a lower quality value, evaporator#2 capacity per unit mass 
increases.

Figure 12(b) depicts the opposite trend: the degree of superheat of 
evaporator#2 decreases with increasing diffuser efficiency (ηd). This 
can be understood by considering the behavior of the diffuser as it 
approaches isentropic conditions (ηd → 1). As a result, to keep a con-
stant cooling capacity value, the degree of superheat of evaporator#2 
needs to decrease.

Table 5. Changes of performance parameters at varying condenser temperature
Condenser Temperature (C°) Qevap#2,net

Superheating  degreeevap#2

25.2 68.07 8.11

28.2 65.31 8.74

30.4 64.25 7.55

33.0 62.00 7.20

36.0 59.91 6.85

37.9 59.02 4.56

40.2 59.08 1.03

42 58.21 1.33

44 55.39 0.91

46 55.06 1.49

47.2 55.02 0.19
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4. Conclusion

This study examined the influence of isentropic efficiencies of indi-
vidual ejector components on the performance of evaporator #2. To 
this end, the efficiencies of different ejector sections were evaluated 
over a range of condenser temperatures. This allowed the relation-
ship between condenser temperature and overall ejector behavior 
to be clarified. In addition, the resulting effects on evaporator #2 
performance indicators, such as cooling capacity per unit refriger-
ant mass and degree of superheat, were evaluated. To support the 
analysis, empirical correlations were developed to predict key ejec-
tor operating parameters as a function of condenser temperature. 
The reliability of these correlations was then verified using both 
experimental measurements and CFD results.

The results show that the isentropic efficiencies of the suction cham-
ber (ηsc), mixing chamber (ηmc), and diffuser (ηd) increase with ris-
ing condenser temperature. However, the efficiencies of the motive 
nozzle (ηmn) and secondary flow outlet (ηsfo) decrease. Except for 
ηsfo, all part efficiencies are in the range of 0.80 to 0.95, while ηsfo 
varies between 0.60 and 1.00. In addition, the degree of superheat 
decreases from 8.74 K to 0.19 K as condenser temperature increases, 
while the cooling capacity of evaporator #2 reduces from 68.02 to 
55.07 kJ.kg⁻¹. These trends indicate an inverse relationship between 
condenser temperature and both superheat level and evaporator 
cooling performance. 

A vital contribution of this work is the development of empirical 
correlations that may be used to estimate ejector part efficiencies for 
different operating conditions and geometries. However, a limita-
tion of this study is that both experimental and numerical analyses 
were carried out using a single refrigerant. Future work should con-
tinue this investigation to include alternative refrigerants with lower 
GWP values.

(a)

(b)

Figure 12. Changes in a) mixing chamber isentropic efficiency & 
cooling capacity per unit mass in Evap#2 b) Diffuser isentropic 
efficiency & Evaporator#2 degree of superheat
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Appendices

Nomenclature
Qo 		  Capacity
C		  Model Constant
CFD		  Computational Fluid Dynamics
COP		  Coefficient of Performance
D		  Dimension
DEES		  Dual evaporator ejector system
ER		  Entrainment Ratio
FS		  Factor of safety
GCI		  Grid Convergence Index
GWP		  Global Warming Potential
K		  Kelvin
P		  Pressure
P		  Point
PID		  Proportional Integral Derivative
RANS		  Reynolds-Averaged Navier Stokes
R2		  Coefficient of Determination
SST		  Shear Stress Transport
T		  Temperature
TXV		  Thermal Expansion Valve
VOF		  Volume of fluid
W		  Watt
η		  Isentropic efficiency
σ		  Prandtl number
μt		  Turbulent viscosity
ṁ		  Mass flow rate
Comp		  Compressor
Cond		  Condenser
d		  diffuser
Eq		  Equation
Evap		  Evaporator
Exp		  Experiment
f		  Function
h		  Enthalpy
is		  isentropic
kg		  kilogram
kJ		  kilojoule
m		  meter
mc		  mixing chamber
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mn		  motive nozzle
RMSE		  Root Mean Square Error
Pa		  Pascal
r		  Refinement ratio
sc		  suction chamber
sfo		  second flow outlet
sim		  Simulation
x		  Quality


